
Cryogenics 49 (2009) 226–234
Contents lists available at ScienceDirect

Cryogenics

journal homepage: www.elsevier .com/locate /cryogenics
Thermodynamic design of methane liquefaction system based on
reversed-Brayton cycle

Ho-Myung Chang a,*, Myung Jin Chung a, Min Jee Kim a, Seong Bum Park b

a Mechanical Engineering, Hong Ik University, 72-1 Sangsu-Dong, Mapo-Gu, Seoul 121-791, Republic of Korea
b Hansol EME Co. Ltd., Gyeonggi-Do 463-824, Republic of Korea
a r t i c l e i n f o

Article history:
Received 13 March 2008
Received in revised form 7 August 2008
Accepted 27 August 2008

Keywords:
B. LNG
B. Methane
C. Thermodynamics
E. Brayton cycle
E. Heat exchangers
0011-2275/$ - see front matter � 2008 Elsevier Ltd. A
doi:10.1016/j.cryogenics.2008.08.006

* Corresponding author. Tel.: +82 2 320 1675; fax:
E-mail address: hmchang@hongik.ac.kr (H.-M. Cha
a b s t r a c t

A thermodynamic design is performed for reversed-Brayton refrigeration cycle to liquefy methane sepa-
rated from landfill gas (LFG) in distributed scale. Objective of the design is to find the most efficient oper-
ating conditions for a skid-mount type of liquefaction system that is capable of LNG production at 160 l/h.
Special attention is paid on liquefying counterflow heat exchanger, because the temperature difference
between cold refrigerant and methane is smallest at the middle of heat exchanger, which seriously limits
the overall thermodynamic performance of the liquefaction system. Nitrogen is selected as refrigerant, as
it is superior to helium in thermodynamic efficiency. In order to consider specifically the size effect of
heat exchangers, the performance of plate-fin heat exchangers is estimated with rigorous numerical cal-
culations by incorporating a commercial code for properties of methane and the refrigerant. Optimal con-
ditions in operating pressure and heat exchanger size are presented and discussed for prototype
construction under a governmental project in Korea.

� 2008 Elsevier Ltd. All rights reserved.
1. Introduction

One of the main governmental efforts to utilize renewable en-
ergy and reduce greenhouse gas in Korea is the development of
domestic liquefaction technology of methane separated from land-
fill gas (LFG). Methane is a major component (45–55% by volume)
of typical LFG mixture at domestic waste landfill sites, and can be
stored and transported conveniently as liquefied natural gas (LNG)
with high energy density at a moderate pressure. The LFG-to-LNG
conversion is involved of several different technical issues [1,2],
one of which is efficient cryogenic refrigeration to continuously
liquefy methane in a distributed scale. According to Barclay et al.
[3], the term ‘‘distributed scale” refers to liquefiers with LNG pro-
duction capacities of 160–2350 l/h (or 1000–15,000 gallons per
day).

In 2007, the Korea New and Renewable Energy Center (KNREC)
starts to support a three-year project that will design and develop a
prototype for skid-mount type of methane liquefaction system
with a capacity of 18.5 g/s (1000 gallons LNG per day). On a suc-
cessful development of the prototype, it is planned to scale up
the system to 92.5 g/s (5000 gallons LNG per day) at the stage of
commercial application at SUDOKWON (which verbally means
‘‘Metropolitan Seoul”) landfill sites. As a first step of the project,
thermodynamic design is performed in this study for the purpose
of selecting suitable cycle configuration, refrigerant, operating
ll rights reserved.
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conditions, and heat exchanger size. Since the produced LNG
should be competitive (or comparable) in price with imported
LNG and the system should be small enough to be packaged onto
skids, both thermodynamic efficiency and compactness should be
considered in the design process.

In a recent publication, Barclay et al. [3] presented an excellent
review on the selection of thermodynamic refrigeration cycle for
distributed natural gas liquefaction. Joule–Thomson cycle with
MR (mixed refrigerant) is recommended to take advantages of low-
er capital costs, as it employs a throttle valve (isenthalpic expan-
sion) with two-phase refrigerant. Reversed-Brayton cycle is also
recommended to take advantages of simpler design and operating
costs, as it employs an expansion machine (nearly isentropic) with
gas refrigerant. Another possibility is Claude or Heylandt cycle that
combines the isenthalpic and isentropic expansion [4]. Andress
and Watkins [5] described their optimized cascade LNG process
with highlighting the advantages of safe and easy operation. Some
of the commercially available Stirling cryocoolers [6] have refriger-
ation capacity of 10 kW or greater at liquid nitrogen temperature,
which may be directly and conveniently used for these
applications.

Reversed-Brayton cycle is selected in this methane liquefaction
system, mainly because the two design goals (thermodynamic effi-
ciency and compactness) may be reasonably achieved. Another sig-
nificant merit of reversed-Brayton cycle in this application is that
its thermodynamic performance is less sensitive to the flow rate
or concentration of feed gas and more flexible in integrating differ-
ent purification modules [3]. Standard reversed-Brayton cycle for
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Nomenclature

C specific heat at constant pressure (J/kg K)
d hydraulic diameter of rectangular channel (m)
g gravitational acceleration (m/s2)
H heat exchanger height, in Fig. 4 (m)
h convective heat transfer coefficient (W/m2 K)
i specific enthalpy (J/kg)
ifg latent heat of vaporization (J/kg)
k thermal conductivity (W/m K)
L heat exchanger length, in Fig. 4 (m)
l flow channel height, in Fig. 4 (m)
_m mass flow rate of refrigerant (kg/s)
_mLNG mass flow rate of LNG (kg/s)

n number of plate, in Fig. 4
Nu Nusselt number
P pressure (Pa)
Pe effective perimeter (m)
Pr Prandtl number
_Q heat transfer rate (W)
R gas constant (J/kg K)
r recuperative ratio, defined by Eq. (16)
Re Reynolds number
s specific entropy (J/kg K)
_Sgen entropy generation rate (W/K)
T temperature (K)
t plate thickness, in Fig. 4 (m)
U overall heat transfer coefficient (W/m2 K)
W heat exchanger width, in Fig. 4 (m)
w flow channel width, in Fig. 4 (m)
_W power for liquefaction (W)

x quality (mass fraction of vapor in liquid–vapor mixture)
z coordinate in flow direction (m)

Greek letters
DT temperature difference (K)
c specific ratio of gas refrigerant
g fin efficiency, adiabatic efficiency
l viscosity (Pa s)
q density (kg/m2)

Subscripts
0 ambient
1–7 state of refrigerant
a–d state of methane
Al aluminum
c compressor
e expander
H, HP high pressure
L, LP low pressure
LHX liquefying heat exchanger
LNG liquefied natural gas
M methane
min minimum
net net value
opt optimum
RHX recuperative heat exchanger
s saturation
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methane liquefaction is schematically shown in Fig. 1a. The cold
gas (state 5) discharged from a cryogenic expander absorbs heat
from the feed gas (state a) to produce LNG (state d) in a counter-
flow heat exchanger, called LHX (liquefying heat exchanger). A
minor modification is suggested as in Fig. 1b [3], where the feed
gas is precooled through the recuperative heat exchanger (RHX)
before entering LHX. In this configuration, the low-pressure stream
(7–1) absorbs heat simultaneously from the high-pressure stream
(3–4) and the feed gas (a–b).

In this paper, it is intended to investigate the fundamentals of
thermodynamic design features in the standard and modified Bray-
ton cycles shown in Fig. 1. For simplicity, it is assumed that the
feed gas is pure methane, as the separation and purification mod-
ule for LFG will be independently developed. Special attention is
paid to the effect of cycle modification, selection of refrigerant,
operating pressure, and size of heat exchangers on the required
power required for the liquefaction rate of 18.5 g/s.

2. Selection of refrigerant and cycle configuration

2.1. Thermodynamic efficiency

Liquefaction of gas can be ideally carried out in a system, where
every process is reversible or no entropy is generated. By combin-
ing energy and entropy balance equations for the ideal system in
steady state, the minimum power for the liquefaction is given by

_Wmin ¼ _mLNG½ðiLNG � i0Þ � T0ðsLNG � s0Þ� ð1Þ
where T0 is the ambient temperature at which heat is rejected. When
methane liquefaction rate is 18.5 g/s and T0 = 298 K, the minimum
power according to Eq. (1) is 19.9 kW. A performance index of lique-
faction system is thermodynamic efficiency or FOM (figure of merit),
which is defined as the ratio of the minimum to the actual power
FOM ¼
_Wmin

_W
ð2Þ

The FOM is considered as ‘‘second-law” efficiency of a liquefier
[7], because the difference between the actual and minimum pow-
ers is so-called thermodynamic irreversibility that is equal to the
entropy generation rate multiplied by ambient temperature.

_W � _Wmin ¼ T0
_Sgen ð3Þ

Since the minimum power is dependent only on its properties
and the ambient temperature, the entropy generation should be re-
duced in order to improve thermodynamic efficiency, and the
method of entropy generation minimization (EGM) [7] could be a
useful tool to maximize thermodynamic efficiency of the liquefac-
tion system.

2.2. Standard reversed-Brayton cycle

This thermodynamic study starts with the simplest case of stan-
dard reversed-Brayton cycle shown in Fig. 1a, where methane is
liquefied through a counterflow with cold gas at LHX. Since the liq-
uefying process is composed of cool-down (or temperature
decreasing) in vapor phase (a–c) and condensation at constant
temperature (c–d), there always exists a point denoted by 6 and
c where the temperature difference between two streams has a
minimum, which complicates the thermodynamic design of the
system [4,7].

For simplicity in this and next sections, it is assumed that refrig-
erant is an ideal gas with a constant specific heat, and methane is
also an ideal gas in vapor phase. This assumption is temporary to
observe more clearly the fundamental features concerning the
selection of refrigerant, and the real properties of refrigerant and
methane will be fully considered in following sections. It is further



Fig. 1. Methane liquefaction system with reversed-Brayton cycle: (a) standard
cycle; (b) modified cycle.
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assumed that every heat exchanger is 100% effective with no pres-
sure drop, and the compressor and expander have an adiabatic effi-
ciency of 100%. It is noted again that such a cycle is the limiting
case that every single component has its best performance in the
given cycle configuration.

As sketched in Fig. 2a, the minimum DT in the LHX occurs al-
ways at the point of saturate vapor (state c) of methane. It is con-
venient to consider the LHX as two separate parts such that

_mCðT7 � T6Þ ¼ _mLNGCMðTa � TcÞ ð4Þ
_mCðT6 � T5Þ ¼ _mLNGifg ð5Þ

where C and CM are specific heat at constant pressure of gas refrig-
erant and methane vapor, respectively, and ifg is latent heat of vapor-
ization of liquid methane. The limiting case of 100% effectiveness is
that the temperature difference becomes zero or T6 = Tc = TLNG. It
should carefully noted that T7 is not equal to TLNG, but
T7 ¼ TLNG þ
_mLNGCMðT0 � TLNGÞ

_mC
ð6Þ

from Eq. (4) and

T5 ¼ TLNG �
_mLNGifg

_mC
ð7Þ

from Eq. (5). Since the RHX is balanced with 100% effectiveness, T7 is
equal to T4, and the isentropic relation for the expander becomes

T7

T5
¼ PH

PL

� �ðc�1Þ=c

ð8Þ

where c is the specific ratio of gas refrigerant. By combining Eqs.
(6)–(8), the required mass flow rate of refrigerant ( _m) may be de-
rived as a function pressure ratio (PH/PL)

_m ¼ _mLNG
CMðT0 � TLNGÞ þ ifgðPH=PLÞðc�1Þ=c

CTLNG½ðPH=PLÞðc�1Þ=c � 1�
ð9Þ

In order to consider thermodynamic efficiency, the entropy gen-
eration rate at the LHX can be calculated as

ð _SgenÞLHX ¼ _mðs7 � s5Þ � _mLNG½ðsa � scÞ þ ðsc � sdÞ� ð10Þ

which may be expressed in terms of pressure ratio and the proper-
ties of methane as

ð _SgenÞLHX ¼ _mR ln
PH

PL
� _mLNG CM ln

T0

TLNG
þ ifg

TLNG

� �
ð11Þ

Since _m and (PH/PL) are dependent each other as Eq. (9), the en-
tropy generation rate can be expressed as a function of (PH/PL). No
entropy is generated in RHX as the two flows are balanced and the
effectiveness is 100%.

It is not possible in this limiting case to evaluate the actual size
of heat exchangers, because 100% effectiveness may mean already
an infinitely large heat exchange area. On the other hand, the heat
exchange rate in RHX can be the first index of required size. The
heat in RHX is given as

_QRHX ¼ _mCðT0 � T7Þ ¼ ð _mC � _mLNGCMÞðT0 � TLNGÞ ð12Þ

from Eq. (6). Since _m and (PH/PL) are dependent each other as Eq.
(9), _QRHX can be expressed as a function of (PH/PL) only.

Fig. 3a and b are the plots for Eqs. (11) and (12), respectively. It
can be observed that a smaller (PH/PL) is preferred for higher ther-
modynamic efficiency (small entropy generation), while a larger
(PH/PL) is preferred for compactness of the recuperative heat ex-
changer. This conclusion is consistent with the general characteris-
tics of Brayton refrigeration cycle between two thermal reservoirs
[7], because the latent heat from Eq. (5) is dominant over the sen-
sible heat from Eq. (4) in the refrigeration load for liquefying meth-
ane. It should be noted, however, that the same statement may not
be true for the liquefaction of nitrogen or hydrogen, where the sen-
sible heat load is dominant over the latent load.

In selecting refrigerant, it is also concluded that nitrogen is pre-
ferred for thermodynamic efficiency, while helium is preferred for
compactness of recuperative heat exchanger. For the present appli-
cation, nitrogen is selected, since the entropy generation may be
reduced at least by 10% when the pressure ratio is around 3.
2.3. Modified reversed-Brayton cycle

Before proceeding with detailed system design, a short discus-
sion will be given about the question whether the modification
of cycle shown in Fig. 1b is favorable in thermodynamic efficiency.
In order to compare this modified system with the standard sys-
tem, a similar cycle analysis is presented based upon the same sim-
plifying assumptions as the previous section.



Fig. 2. Sketch of temperature distributions in liquefying heat exchanger (LHX) and recuperative heat exchanger (RHX): (a) standard cycle; (b) modified cycle.
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The energy balance equations for RHX and two parts of LHX can
be written as

_mCðT0 � T7Þ ¼ _mCðT0 � T4Þ þ _mLNGCMðT0 � TbÞ ð13Þ

_mCðT7 � TLNGÞ ¼ _mLNGCMðTb � TLNGÞ ð14Þ

_mCðTLNG � T5Þ ¼ _mLNGifg ð15Þ

because T3 = T1 = Ta = T0 and T6 = Tc = TLNG. Since the RHX is a triple-
passage heat exchanger where the cold (and low-pressure) stream
is in simultaneous thermal contact with the warm (and high-pres-
sure) stream and the feed gas of methane, the ratio (r) of recupera-
tive heat to the total heat in Eq. (12) is defined here as

r ¼
_mCðT0 � T4Þ
_mCðT0 � T7Þ

or 1� r ¼
_mLNGCMðT0 � TbÞ

_mCðT0 � T7Þ
ð16Þ

In practice, the recuperative ratio can be set at an intended va-
lue with a number of different methods such as selecting a variety
of heat exchanger types, installing an extended surface, or control-
ling flow conditions, and its effect on thermal interaction has been
reported in detail earlier [8]. It is noted that the modified cycle is
simply the standard cycle, if r = 1.

In a similar way as the previous section, the four unknown tem-
peratures (T4,T5,T7,Tb) can be determined when r and PH/PL are gi-
ven. First, Eqs. (13) and (14) are rearranged for T7, respectively as

T7 ¼ T4 �
_mLNGCM

_mC
ðT0 � TbÞ ¼ TLNG þ

_mLNGCM

_mC
ðTb � TLNGÞ ð17Þ
which can be solved for T4 as

T4 ¼ TLNG þ
_mLNGCM

_mC
ðT0 � TLNGÞ ð18Þ

And Eq. (15) is rearranged as

T5 ¼ TLNG �
_mLNGifg

_mC
ð19Þ

Now Eqs. (18) and (19) are substituted into the isentropic rela-
tion for the expander

PH

PL

� �ðc�1Þ=c

¼ T4

T5
¼

TLNG þ _mLNGCM
_mC ðT0 � TLNGÞ

TLNG �
_mLNG ifg

_mC

ð20Þ

to end up with the same expression as Eq. (9).
The entropy generation rate should be added for RHX and LHX,

because there is finite DT in the RHX for r < 1 even though the
effectiveness may be 100%. The sum of entropy generation in the
two heat exchangers can be written as

ð _SgenÞRHXþLHX ¼ _m½ðs1 � s7Þ þ ðs4 � s3Þ þ ðs7 � s5Þ�
� _mLNG½ðsa � scÞ þ ðsc � sdÞ� ð21Þ

which may be simplified as

ð _SgenÞRHXþLHX ¼ _mR ln
PH

PL
� _mLNG CM ln

T0

TLNG
þ ifg

TLNG

� �
ð22Þ

with Eq. (8), Eqs. (13)–(16), and other thermodynamic relations. It
should be noted again that the entropy generation is independent



Fig. 3. Effect of pressure ratio for nitrogen and helium as refrigerant in standard
cycle to produce LNG at rate of 18.5 g/s: (a) entropy generation rate at LHX; (b) heat
rate at RHX.

Fig. 4. Structure and dimensional notations of plate-fin heat exchanger.
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of r, and the overall thermodynamic performance of the modified
cycle is basically the same as the standard cycle.

This result has an important implication in deciding the cycle
configuration. A major motivation for modifying the standard cycle
is to reduce the entropy generation due to large temperature dif-
ference at the entrance region of methane gas. The reduction of en-
tropy generation in the LHX is effective, when r < 1. On the other
hand, the partial cooling of methane results in an imbalance of
counterflow in the RHX, which is followed by a larger temperature
difference at the cold end or an increase of entropy generation in
the RHX. The analytical result given by Eq. (22) means that the
two effects have the same impact in opposite direction. Even
though this is the case of highly effective heat exchangers, it may
be carefully stated that this specific modification of cycle is not
obviously superior in thermodynamic efficiency to the standard
cycle. In this context, the detailed design for prototype construc-
tion is devoted only to the standard reversed-Brayton cycle.

3. Heat exchanger design

Thermodynamic investigation presented above is based on
100% effective heat exchangers that can be closely realized with
an enormous size. Since one of the design goals is to make the sys-
tem compact, it is a practically significant issue to pursue the best
performance for a given total size of heat exchangers. In order to
demonstrate and discuss a detailed design procedure, a specific
type of cryogenic heat exchanger is selected for both RHX and
LHX, and the size issues are treated.

Among a number of options [4,9], plate-fin heat exchangers are
suitable for this application, mainly because they are easily pack-
aged onto skids and flexible in integrating different purification
modules. As schematically shown in Fig. 4, the heat exchangers
are constructed by stacking alternate layers of corrugated alumi-
num sheets (fins) between flat aluminum separator plates to for
individual passages.

In RHX, the temperature distributions of low-pressure (LP) and
high-pressure (HP) streams are determined by a set of energy bal-
ance equations

_mCLP
dTLP

dz
¼ URHXPeðTHP � TLPÞ ð23Þ

_mCHP
dTHP

dz
¼ �URHXPeðTHP � TLPÞ ð24Þ

where URHXPe is the product of overall heat transfer coefficient and
effective perimeter, which can be expressed with thermal resistance
model for a heat exchanger having fins on both sides. With nota-
tions shown in Fig. 4,

1
URHXPe

¼ 1
nW

wþ t
hHPðwþ gHPlÞ þ

t
kAl
þ wþ t

hLPðwþ gLPlÞ

� �
ð25Þ

where the fin efficiency is given by

g ¼
tanh l

2

ffiffiffiffiffiffi
2h

kAlt

q� �
l
2

ffiffiffiffiffiffi
2h

kAlt

q ð26Þ
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because the fin is considered a plate whose thickness is t and length
from the base is l/2 by symmetry. The convective heat transfer coef-
ficient in Eqs. (25) and (26) is estimated with engineering correla-
tions for fully developed flow in a channel [10]

h ¼
k
d Nu ðlaminarÞ
0:023 k

d Re0:8Pr1=3 ðturbulentÞ

(
ð27Þ

where d is the hydraulic diameter of rectangular channel, defined as

d ¼ 2wl
wþ l

ð28Þ

For the physical dimensions listed in Table 1, the aspect ratio is
1 or Nu � 3:61 [10] for a laminar flow. In most of practical cases
under consideration, every flow in the channel is turbulent.

In LHX, the heat exchanger design is more complicated, since the
methane flow should be treated in different ways for the two re-
gions. In the vapor region, the energy balance equations the tem-
perature distributions of low-pressure (LP) and methane (M)
streams are similar with RHX. In the condensation region, however,
the enthalpy change in the flow direction should be expressed in
terms of the quality (xM = the mass fraction of vapor in liquid–vapor
mixture). The energy balance equations are written as

_mCLP
dTLP

dz
¼ ULHXPeðTM � TLPÞ ð29Þ

_mCM
dTM
dz ðvaporÞ

_m dxM
dz ifg ðcondensationÞ

)
¼ �ULHXPeðTM � TLPÞ ð30Þ

where ULHXPe may be estimated similarly as Eqs. (25)–(28). In the
condensation region, the condensing heat transfer coefficient may
be approximated by

h ¼ 0:555
qgðq� qvÞk

3ifg

lðTLNG � TsÞd

" #1=4

ð31Þ

This empirical correlation is valid for vapor condensation with
low velocity in a horizontal tube [10], but any more precise estima-
tion is not necessary, because the heat transfer coefficient for con-
densation is much greater than the low-pressure stream and does
not affect the overall heat transfer.

The heat exchanger performance is rigorously calculated by
solving numerically the differential equations with incorporating
the commercial code developed by the US NIST [11] for thermo-
physical properties of methane and nitrogen. Fourth-order Run-
ge–Kutta method is employed for numerical integration and so-
called ‘‘shooting method” is employed to impose the boundary
conditions. In order to investigate the effect of heat exchanger size,
it is assumed in this design that a pair of unit exchanger is fixed at
a plate area of W � H and corrugated fins with (w, l, t) but the num-
ber of stacks (or L) is a variable.

4. Cycle analysis

Cycle analysis program is shortly completed, if the heat exchan-
ger modules for LHX and RHX are linked. Since the aftercooler is
Table 1
Specifications of plate-fin heat exchanger

Material Aluminum

Heat exchanger width, W 1 m
Heat exchanger height, H 1 m
Total heat exchanger length, L 1 m
RHX length, LRHX 0.6 m
LHX length, LLHX 0.4 m
Flow channel height, l 23 mm
Flow channel width, w 23 mm
Plate thickness, t 1 mm
located outside the cold box and state 3 can be easily cooled to
room temperature, it is assumed here that T3 = T0. It is also as-
sumed that adiabatic efficiency is given a number for compressor
and expander, which is defined as

gc ¼
iðPH; s1Þ � i1

i2 � i1
ð32Þ

ge ¼
i4 � i5

i4 � iðPL; s4Þ
ð33Þ

respectively. The efficiency is in the range of 70–85% for contempo-
rary compressors or expanders available to this application. The re-
sults in the following sections are obtained on 85% for aiming at the
best performance design. The required mass flow rate of refrigerant
is determined with the energy balance at LHX

_m ¼ _mLNG
ia � id

i7 � i5
ð34Þ

When PH, PL, LRHX and LLHX are given, every state in the cycle can be
uniquely determined. Thermodynamic properties of methane and
refrigerant are accurately calculated with commercial program [11].

Net power is the difference between the power input at com-
pressor and the power output at expander

_W ¼ _m½ði2 � i1Þ � ði4 � i5Þ� ð35Þ

Eqs. (1), (34), and (35) are substituted into Eq. (2), yielding FOM
in terms of enthalpy at several states of the cycle

FOM ¼ i7 � i5

ði2 � i1Þ � ði4 � i5Þ
T0ðs0 � sLNGÞ
ði0 � iLNGÞ

� 1
� �

ð36Þ
5. Results and discussion

5.1. Operating pressure

The most important design parameter in the liquefaction sys-
tem is the operating pressure. As demonstrated in Fig. 3, the pres-
sure ratio should be smaller for a better thermodynamic efficiency
in standard reversed-Brayton cycle, mainly because the entropy
generation due to temperature difference in LHX is smaller. This
is true, however, only if the heat exchanger effectiveness is 100%
or the size of RHX and LHX is infinitely large. Since compactness
is one of the design goals, it is practically significant to study the
effect of pressure ratio for a fixed size of heat exchangers as
constraint.

Fig. 5 and 6 are the required mass flow rate and the estimated
FOM as a function of pressure ratio, when LRHX = 0.6 m and
LLHX = 0.4 m. Nitrogen is the refrigerant, and the adiabatic effi-
ciency of the compressor and expander is 0.85, respectively,
assuming high performance machines in practice. Other conditions
in the cycle analysis are listed in Table 1. In Fig. 5, the practical cy-
cle is compared with a reference to the standard cycle, where the
heat exchanger effectiveness is 100% for both RHX and LHX. As
the pressure ratio increases, the required mass flow decreases
monotonically, but FOM increases up to 0.26 then gradually de-
creases. The optimal pressure ratio to maximize the thermody-
namic efficiency turns out to be approximately 3 in the specific
conditions. As a lower pressure ratio, the required mass flow of
refrigerant is exceedingly larger, which result in a poor heat ex-
change performance with the given size.

This optimal value of pressure ratio might not be applicable to
every reversed-Brayton cycle in general. It is obvious in compari-
son with the standard cycle that the optimal pressure ratio should
be smaller, if the given size of heat exchangers is greater. However,
the pressure ratio may well be selected at around 3 for the proto-
type design of methane liquefaction system.



Fig. 5. Required mass flow rate of refrigerant as a function of pressure ratio for
standard cycle and practical cycle (LRHX = 0.6 m, LLHX = 0.4 m).

Fig. 6. Figure of merit as a function of pressure ratio (LRHX = 0.6 m, LLHX = 0.4 m).

Fig. 7. Figure of merit as a function of operating pressure (PH/PL = 3).

Fig. 8. Two cycles on temperature–entropy diagram, which has same pressure ratio
(PH/PL = 3) but different pressure range.

Fig. 9. Figure of merit as a function of size of liquefying heat exchanger (LHX) when
the total heat exchanger size is fixed as LLHX + LRHX = 1 m.

Fig. 10. Reversed-Brayton cycles for prototype on temperature–entropy diagram.
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Another issue is how to choose the combination of high and low
pressures that yields the optimal pressure ratio. As demonstrated
earlier, the thermodynamic performance of standard cycle is



Table 2
Summary of designed cycle with properties at each state

Nitrogen, _m ¼ 650 g=s Methane, _mLNG ¼ 18:5 g=s

P (kPa) T (K) i (kJ/kg) s (kJ/kg K) P (kPa) T (K) i (kJ/kg) s (kJ/kg K)

1 300 297.3 307.9 6.508 a 101.3 298.0 621.5 11.60
2 900 434.1 450.3 6.567 c 101.3 111.7 223.4 9.508
3 900 298.0 307.3 6.180 d 101.3 111.7 �278.4 5.013
4 900 127.8 122.2 5.252
5 300 98.1 96.16 5.321 _Wmin ¼ 19:9 kW
6 300 110.9 110.7 5.461 _W ¼ _WCOMP � _WEXP ¼ 92:6� 16:9 ¼ 75:7 kW
7 300 122.5 123.5 5.570 FOM = 0.263

H.-M. Chang et al. / Cryogenics 49 (2009) 226–234 233
dependent only the ratio, not the two values of pressure. In practi-
cal cycle, the operating pressure affects the fluid properties and the
effectiveness of heat exchangers. The cycle analysis is repeated for
different pressure combinations whose ratio is 3, and the results
are plotted in Fig. 7. Even though the effect of pressure may be
meager, a slightly higher FOM may be obtained with an elevated
pressure. On the other hand, as the pressure range increases, the
state 4 (exit of expander) gets closer to the saturation region of
nitrogen as demonstrated by two cases in Fig. 8. The proximity
to saturation means a possibility of liquid nitrogen in the expander,
which may seriously shorten the life of expensive cryogenic rotor
by erosion. In this specific case, the exit state enters the saturated
region at a pressure range higher than the combination of 2100–
700 kPa. With a safety margin of 10 K in preparation for off-design
operation, the operating pressure in present design is selected as
900–300 kPa.

5.2. Size of heat exchangers

The thermodynamic efficiency can be improved if the size of
LHX or RHX is increased. Since the impact of size may be different
for the two heat exchangers, it is a practically crucial design issue
to determine their relative size when the total size is given as con-
straint. Fig. 9 is a plot of FOM as a function of LLHX, when
LLHX + LRHX = 1 m. In the calculation, the operating pressure is se-
lected optimally as PH = 900 kPa and PL = 300 kPa. There exists a
clear optimal LLHX at around 0.35–0.40 m for thermodynamic effi-
ciency to have the maximum. In present design, the best relative
size of LHX and RHX is suggested to be 40% and 60%, respectively.
It is noted that the shape of curve in Fig. 9 is sharply peaked near
the top and drops sharply as the size of LHX gets away from the
optimum. This implies the practical importance of present design
issue in pursuing thermodynamic efficiency and compactness at
the same time.

It is noticeable that the optimal ratio of 40:60 is far greater than
the ratio of heat exchange rates for RHX and LHX, which is nearly
1:7 in this system. The main reason is that the entropy generation
due to temperature difference in a heat exchanger is more crucial
at lower temperatures. A well-known optimization principle for
cryogenic heat exchangers [7]

DT
T

� �
opt
¼ constant ð37Þ

may be reminded here.

5.3. Summary of prototype design

To reach the immediate objective of this study, detailed specifi-
cations are developed for a prototype of methane liquefaction sys-
tem. The specifications of the two exchanger design are listed in
Table 1 in case that LRHX + LLHX = 1 m is optimally divided at
60:40. The operating pressure is determined in consideration of
thermodynamic efficiency and a design constraint on the degree
of superheating to avoid the condensation of nitrogen. The finally
suggested thermodynamic cycle is plotted on T–s diagram of nitro-
gen as Fig. 10, and the corresponding properties at each state are
listed in Table 2. The net input power is estimated at 75.7 kW or
the FOM of the liquefaction system is estimated at 26.3%. The
two heat exchangers may be compactly packed in 1 m � 1 m � 1 m
or a slightly larger volume.

6. Conclusions

A rigorous thermodynamic study is performed to develop de-
tailed specifications of methane liquefaction system based on re-
versed-Brayton cycle, which may be directly applicable to LFG-
to-LNG conversion technology in a distributed scale. The real prop-
erties of refrigerant, the heat transfer coefficients, and the heat ex-
changer performance with phase change process are taken into full
consideration. Some significant and specific conclusions are ob-
tained through the results of system design as followings.

Nitrogen is a superior refrigerant to helium, since required
power may be saved at least by 10%. On the other hand, care should
be taken in the cycle design to avoid liquid nitrogen in expander.
The modification of reversed-Brayton cycle that the feed gas is pre-
cooled through recuperative heat exchanger (RHX) is not notably
helpful in improving thermodynamic efficiency or compactness
of the system. It is verified that for a fixed size of heat exchangers,
there exists an optimum for the pressure ratio to maximize the
thermodynamic efficiency, and the optimal pressure ratio is sug-
gested as 3 in the prototype to be constructed. When sum of the
two heat exchanger sizes is given by constraint, the distribution ra-
tio of 40:60 for LHX and RHX is recommended for the best thermo-
dynamic performance.

The presented results will be directly applied to a liquefaction
module in the prototype of LNG production system. As mentioned,
a minor modification may be followed while integrating with the
separation and purification modules to treat the LFG. According
to the proposed schedule, the construction of prototype will be
completed by the middle of 2009 on a waste landfill site at Metro-
politan Seoul.
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